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Sink Performance

The following study will examine the effect on overall thermal/fluid performance associ-
ated with different fin geometries, including, rectangular plate fins as well as square,

circular, and elliptical pin fins. The use of entropy generation minimization, EGM, allows
the combined effect of thermal resistance and pressure drop to be assessed through the
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simultaneous interaction with the heat sink. A general dimensionless expression for the

entropy generation rate is obtained by considering a control volume around the pin fin
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including base plate and applying the conservations equations for mass and energy with

the entropy balance. The formulation for the dimensionless entropy generation rate is
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developed in terms of dimensionless variables, including the aspect ratio, Reynolds num-
ber, Nusselt number, and the drag coefficient. Selected fin geometries are examined for
the heat transfer, fluid friction, and the minimum entropy generation rate corresponding
to different parameters including axis ratio, aspect ratio, and Reynolds number. The
results clearly indicate that the preferred fin profile is very dependent on these param-
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Introduction

While heat sinks are routinely used in most electronics applica-
tions, the rationale for selecting a particular design of heat sink or
more specifically a particular fin cross sectional profile, remains
somewhat uncertain. Most often these types of selection proce-
dures are based exclusively on performance evaluations consisting
of formulations for extended surface heat transfer found in most
fundamental heat transfer text books. Unfortunately, these formu-
lations do not consider the role of pressure drop in determining
the local fin velocity or heat transfer coefficient and, therefore, the
resulting heat transfer calculations rarely pertain to actual flow
conditions. The effects of viscous dissipation associated with flow
past fins of arbitrary cross section can be conveniently coupled
with the thermal resistance to heat flow in forced convection by
using entropy generation minimization (EGM). Entropy genera-
tion minimization combines the fundamental principles of thermo-
dynamics, heat transfer, and fluid mechanics and applies these
principles to the modeling and optimization of real systems and
processes that are characterized by finite size and finite time con-
straints, and are limited by heat and mass transfer and fluid flow
irreversibilities.

A careful review of the literature reveals that no theoretical
study exists which compares the overall performance of the dif-
ferent fin geometries (selected in this study) based on the thermal
as well as the hydraulic resistance. Behnia et al. [1] compared
numerically the heat transfer performance of various commonly
used fin geometries (circular, square, rectangular, and elliptical).
They fixed the fin cross-sectional area per unit base area, the
wetted surface area per unit base area, and the flow passage area
for all geometries. They found that circular pin fins outperform
square pin fins and elliptical fins outperform plate fins. They also
found that elliptical fins work best at lower values of pressure
drop and pumping work whereas round pin fins offer highest per-
formance at higher values. Li et al. [2] showed experimentally that
the heat transfer rate with elliptical pin fins is higher than that with
circular pin fins while the resistance of the former is much lower
than that of the latter in the Reynolds number range from 1000 to
10,000. Chapman et al. [3] investigated experimentally the paral-
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lel plate fins and cross-cut pin fins in low air flow environments
and compared these fins with elliptical pin fin heat sinks. They
used equal volume heat sinks in their experiments. They found
that the overall thermal resistance of the parallel plate fin was
lower than the other two designs, whereas the heat transfer coef-
ficient was highest for elliptical pin fins. Ota et al. [4,5] studied
experimentally heat transfer and flow around an elliptical cylinder
of axes ratios 1:2 and 1:3. Their experimental results show that
heat transfer coefficient of the elliptical cylinder is higher than
that of a circular one with equal circumference and the pressure
drag coefficients of the former are much lower than that of the
later. Poulikakos and Bejan [6] established a theoretical frame-
work to determine the optimum fin dimensions for minimum en-
tropy generation in forced convection. They first developed an
expression for the entropy generation rate for a general fin and
then applied it to select the optimum dimensions of pin fins, rect-
angular plate fins, plate fins with trapezoidal cross section, and
triangular plate fins with rectangular cross section. Their study
seems to be inconclusive as to which geometry offers advantages
over others. Jonsson and Bjorn [7] performed experiments to com-
pare the thermal performance of the heat sinks with different fin
designs including straight fins and pin fins with circular, quadratic,
and elliptical cross sections. They evaluated the thermal perfor-
mance by comparing the thermal resistance of the heat sinks at
equal average velocity and equal pressure drop. They recom-
mended elliptical pin-fins at high velocities and circular pin-fins at
mid-range velocities. Wirtz et al. [8] reported experimental results
on the thermal performance of model pin-fin fan-sink assemblies.
They used cylindrical, square, and diamond shape cross section
pin-fins and found that cylindrical pin-fins give the best overall
fan-sink performance. Furthermore, the overall heat sink thermal
resistance decreases with an increase in either applied pressure
rise or fan power and fin height. Laor and Kalman [9] investigated
the performance of longitudinal fins, spines, and annular fins hav-
ing rectangular, triangular, and parabolic shapes with uniform and
nonuniform heat generation and temperature distributions,
whereas Mokheimer and Esmail [10] investigated the perfor-
mance of annular fins of different profiles subject to locally vari-
able heat transfer coefficient.

Culham and Muzychka [11] presented a method to optimize
plate fin heat sink based on the minimization of entropy genera-
tion resulting from viscous fluid effects and heat transfer. They
used a novel approach for incorporating forced convection
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Fig. 1 Cross sections of selected geometries

through the specification of a fan curve into the optimization pro-
cedure, providing a link between optimized design parameters and
the system operating point. Bar-Cohen and his co-workers
[12-15] performed a least material optimization of plate-fin ge-
ometry by extending the use of least-material single fin analysis to
multiple fin arrays. They explored the potential for the least-
energy optimization of natural and forced convection cooled rect-
angular plate heat sinks. The results are evaluated in terms of a
heat sink coefficient of performance, relating the cooling capabil-
ity to the energy invested in the fabrication and operation of the
heat sink, and compared to the entropy generation minimization
methodology (EGM).

This study will show in a graphical manner the relationship
between the dimensionless entropy generation rate and the param-
eters including Reynolds number, aspect ratio and axis ratio. The
results will allow designers to quickly and easily assess the merits
of pin fin geometries for specific design conditions.

Assumptions

This study is based on the following assumptions:

(I) The fin material is homogeneous and isotropic;

(2) the flow is steady, laminar and two dimensional;

(3) the fluid is considered incompressible with constant prop-

erties;

(4) the heat transfer coefficient is uniform over the fin surface;
(5) there is no contact resistance between fin and the baseplate;
(6) there are no heat sources within the fin itself;
(7) there is no free convection or radiation heat transfer.

Analysis

Consider a fin of arbitrary cross section (rectangular, circular,
square, or elliptical as shown in Fig. 1), which is extended from a
base plate. The approach velocity of the air is Uy, and the ambi-
ent temperature of the air is assumed to be 7,. The surface tem-
perature of the pin wall is T,,(>T,).

The entropy generation model can be developed by following
Bejan [16] and considering the control volume CV as shown in
Fig. 2. This control volume includes a pin-fin and a baseplate. The
side surfaces AEFG and BCJI and the top surface CJFE of this CV
can be regarded as impermeable, adiabatic and shear free (no
mass transfer and shear work transfer across these surfaces). The
heat transferred from the base plate in the CV is Q. The bulk
properties of air are represented by u;,, P;,, Si, at the inlet and by
Uous Pour Sour at the outlet respectively. Fluid friction is repre-
sented by Fp, which is the sum of the friction and pressure drags.
The irreversibility of this system is due to heat transfer across the
nonzero temperature difference 7;,—7, and to frictional drag.

The mass rate balance for the CV, shown in Fig. 3, gives

dmCU
dt

For steady state, it reduces to

= My = Mgy (1)
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Fig. 2 Control volume for calculating Sgen for single circular
pin

1l = Mgy = 1 (2)
First law of thermodynamics for the same CV can be written as

dEc . . .
dlv = Q - ch + min(ein + Pinvin) - muut(eoul + Poutvout) (3)

where
dE.,/dt = time rate of change of energy within CV
Q = heat transferred from base plate in CV

ch = energy transfer by work across the boundaries of

€in-€out = specific energies at the inlet and exit of CV

Pi,, Poyc = pressure at the inlet and exit of CV

UinsUout = Specific volume of fluid at the inlet and exit of

CV.

For steady state, dE,,/dt=0. The specific energy e is the sum of
specific internal, kinetic, and potential energies. Due to continuity
and same elevation of the CV, V; =V, and z;,=2,,. so the kinetic
and potential energy terms will drop out. Therefore, e;,=u;, and
eou=Uou- The only work is flow work at the inlet and exit of the

CV, so the term Ww also drops out. Thus the energy rate balance
reduces to:
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Fig. 3 Effect of the Reynolds number on heat transfer
coefficients
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Table 1

Parameters for different geometries

Geometry

Parameters Plate Circular Square Elliptical Reference
L l d K 2a
A, 1l wd*/4 52 mab
A, LH dH sH 2aH
P 2(1+1) 7d 4s 4aE(e)
C 1357 5.781 0 ~4.1[0.67—exp(0.733€)] [17]
C, 0 1152 2 1.1526€29! [17]
C; 0 1.26 0 1.26€%95 [17]
C, 0.75 0.593 0.102 0.75-0.16 exp(-0.018¢€ 1) [17]
Cs 2¢/(1+¢) w4 4 e/ 16E%(e) [17]
Cs 2(1+€)/ e 4 4 16E%(e)/ me [17]
n 1/2 1/2 0.675 172 [18]

Q = m[(uoul + Poutvout) - (”m + vam)]
h h;

in

4)
The combination of specific internal and flow energies is defined
as specific enthalpy; therefore, the energy rate balance reduces
further to

out

Q = m(houl - hin) (5)
From the second law of thermodynamics
as., . o .
% =1m(Siy — Sout) + F + Sgen (6)
b

For steady state, dS,,/dt=0, and the total heat transferred from
the baseplate Q=0Qy,+Q), so the entropy rate balance reduces to

™)

Sen = 11(S gy — §ip) — —
gen (out m) Th

where T, represents the baseplate absolute temperature. From a
force balance, the total drag force can be written as
FD=_(P0ul_Pin)A (8)
where A is the free stream cross-sectional area. The mass flow rate
is given by
m=pAU, )

where p is the density of the fluid at the ambient temperature. The
enthalpy difference in Eq. (5) can be written in terms of entropy
and pressure differences using Gibb’s equation [dh=Tds
+(1/p)dP]

pp

1
houl - hin = Tu(soul - sin) + ;(Pout - Pin) (10)

Combining Egs. (2)—(10), the entropy generation rate can be writ-
ten as

) 11 FpU,
Seen=0| T - |+ 2 11
gen Q|: Ta Th :| Ta ( )
Rearranging the terms and writing 6,=7,—T,, we have
. 0, FpU.
Sgen=—TQT” +—EEDT*‘ (12)
atb a
As 0,=0R,, the entropy generation rate can be written as
2
R FpU,
=Q tol+ D™ app (13)

=TT,
This expression describes the entropy generation rate model com-
pletely and it shows that the entropy generation rate depends on
the total thermal resistance R, and the drag force, provided that
the heat load and ambient conditions are specified.

T,

a
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The drag force is defined as

Fp= CD(%pUipp)Ap (14)
where Cj, is the drag coefficient and is given by Khan [17]
C C
CDZ(_;+C2+_3 (15)
\r‘Reﬁ Reﬁ

The constants Cy, C,, and C; depend upon the geometry and are
tabulated in Table 1.

Assuming that the thermal spreading and contact resistances are
negligible, the total thermal resistance R,, can be written as

1

R = 1 1 (16)
—+
Rin  Riiim
where
1
R = (17)
VhinPkA , tanh(mH)
1
Rijm=———— 18
m = (LW —-A,) (18)
with
hfinP
=\/— 19
m= A/ KA. (19)
Nu kf
fin = £ (20)
L
Nu,k
b= 1)

where the dimensionless average heat transfer coefficients Nu, for
the selected geometries and Nu, for the base plate are developed
by Khan [17] and can be written as

Nu, = C, Rel: Pr'”3 (22)
Nu, = 0.75 Re}* Pr'? (23)
with
LU, LU
Re,=—2 and Re,=—2 (24)
14

The constant C, and the index n for all geometries are given in
Table 1. In dimensionless form, entropy generation rate, Eq. (13),
for any arbitrary cross section is written as
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Table 2 Dimensions used to determine
geometry

performance of fin

Quantity Dimension
Footprint (mm?) 50X 50
Baseplate thickness (mm) 2
Overall height of fin(mm) 12
Thickness of RPF (mm) 1
Approach velocity (m/s) 3
Thermal conductivity of solid (W/m-K) 237
Thermal conductivity of air (W/m-K) 0.026
Density of air (kg/m?) 1.1614
Specific heat of air (J/kg-K) 1007
Kinematic viscosity (m?/s) 1.58 X107
Prandtl number (Air) 0.71
Heat load (W) 10
Ambient temperature (K) 300
Base plate temperature (K) 350

S
—_ Pgen
* QMU kT

— Takeq
T, Re(VCsNu ke, tanh(y,\ CoNu k) + CoNu ko)

+ %B Re,’ Cpyr (25)
where 7y, is the aspect ratio of the fin, k.4 is the ratio of the
thermal conductivities of fluid to the fin material, 7,, and T}, are
the ambient and base plate temperatures, B is a fixed dimension-
less duty parameter that accounts for the importance of fluid fric-
tion irreversibility relative to heat transfer irreversibility and Cs,
Ce, and C7 are the constants depending on the geometry of the fin
and are given by

PA,
C5= £3
c PL
6= AC

C_E’ A
L2

The values of these constants for the selected geometries are also
given in Table 1. The cross sections for rectangular plate fin
(RPF), circular pin fin (CPF), square pin fin (SPF), and elliptical
pin fin (EPF) are shown in Fig. 1 and a summary of different
parameters for the selected geometries is given in Table 1.

Results and Discussion

The quantities given in Table 2 are used as the default case to
compare the overall performance of each fin geometry based on
the same perimeter. The air properties are evaluated at the ambient
temperature. Equation (25) shows that the dimensionless entropy
generation rate depends upon the heat transfer and drag coeffi-
cients. It increases with the decrease in heat transfer and increase
in the drag coefficients. These coefficients depend upon the Rey-
nolds numbers and fluid properties. The dependence of these co-
efficients on the Reynolds number is shown in Figs. 3 and 4.
Figure 3 shows the increase in Nusselt number with the Reynolds
number. For the same perimeter of each pin fin, the heat transfer
from a SPF is the least, whereas for other geometries it increases
from CPF to RPF as the axis ratio of EPF decreases. From heat
transfer point of view, EPF with smaller axis ratio and RPF give
better thermal performance. Figure 4 shows the hydraulic perfor-
mance of each pin fin. For the same perimeter of each pin fin, the
drag coefficient of a SPF is the highest whereas for the RPF is the
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Fig. 4 Effect of the Reynolds number on drag coefficients

least. The drag coefficient of EPF decreases from CPF to RPF as
the axis ratio decreases. The dependence of drag coefficients on
the Reynolds number decreases with the decrease in the axis ratio.

The dependence of heat transfer and drag coefficients on the
axis ratio for EPF having the same perimeter is shown in Figs. 5
and 6 for three different approach velocities. Figure 5 shows the
increase in heat transfer coefficients with the decrease in the axis
ratio. These coefficients increase with the decrease in the axis
ratio and the increase in approach velocities. From heat transfer
point of view, EPF with a smaller axis ratio gives the best thermal
performance of a heat sink. The effect of axis ratio on the drag
coefficients is shown in Fig. 6 for EPF. It shows the strong depen-
dence of axis ratio and weak dependence of approach velocity on
the drag coefficients. From hydraulic point of view, EPF with
smaller axis ratio gives the best performance in a heat sink.

Equation (25) also shows that the total dimensionless total en-
tropy generation rate, Ny, is due to heat transfer and viscous fric-
tion. These contributions depend upon many parameters including
perimeter and approach velocity, and show the same behavior for
each geometry, i.e., the entropy generation rate due to heat trans-
fer decreases whereas the entropy generation rate due to viscous
friction increases with each parameter. This behavior is shown in
Fig. 7 for a CPF. It shows that as the perimeter is increased, the
contribution due to heat transfer, N, decreases and that of vis-
cous friction, N, S increases.
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...... —4
20 - B o
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Fig. 5 Effect of the axis ratio on heat transfer coefficients
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Fig. 6 Effect of the axis ratio on drag coefficients

The comparison of the overall performance of the selected ge-
ometries, on the basis of dimensionless entropy generation rate, is
shown in Figs. 8—11 for the same perimeter. Figure 8 shows the
variation of dimensionless entropy generation rate, N, with the
Reynolds number, for the selected geometries. All the other pa-
rameters are kept constant. As the Reynolds number increases, the
optimum dimensionless entropy generation rate decreases from
SPF to RPF. The square pin-fin (SPF) gives the highest optimum
entropy generation rate, whereas RPF gives the lowest optimum.
It should be noted that each geometry has its own optimum for N,
which gives an optimal Reynolds number Re,, that increases
also from SPF to RPF. Thus CPF and EPF with smaller axis ratios
give best performance for lower Reynolds numbers, whereas RPF
gives better performance for higher Reynolds numbers. For EPF
with different axis ratios, the dimensionless entropy generation
rate versus Reynolds number is shown in Fig. 9. It shows that the
optimum dimensionless entropy generation rate decreases with the
axis ratio and increases with the increase in Reynolds number. As
a result, the overall performance increases with the increase in
Reynolds number and decrease in axis ratio.

The effects of the aspect ratio on the dimensionless entropy
generation rate for different geometries is shown in Fig. 10.
Again, each geometry has its own optimum point for the mini-
mum entropy generation rate which moves down towards lower

3
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o
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»
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| TR N T R TR N T S T
O0 5 10 15 20

Perimeter (mm)

Fig. 7 Contribution of heat transfer and friction irreversibili-
ties in dimensionless entropy generation rate
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tion rate

aspect ratio from the square geometry to the plate fin. Thus opti-
mum aspect ratio is the highest for the SPF and lowest for RPF
and hence RPF with smaller aspect ratios gives the best overall
performance.

The effect of the perimeter on the dimensionless entropy gen-
eration rate, for all geometries, is shown in Fig. 11. Again the SPF
gives the highest optimum dimensionless entropy generation rate.
The optimum dimensionless entropy generation rate (NX)opl de-
creases with the increase in perimeter from SPF to RPE. Thus RPF
will give the best performance for larger perimeters, whereas for
smaller perimeters, CPF and EPF with smaller axis ratios will
perform better.

Conclusions

Different fin geometries having the same perimeter are com-
pared from the point of views of heat transfer, drag force, and
dimensionless total entropy generation rate. Optimum dimension-
less entropy generation rate exists for each geometry correspond-
ing to Reynolds number, perimeter, axis ratio in case of EPF, and
the aspect ratio. The square geometry is found to be the worst
choice from the point of view of heat transfer and drag force and
hence from the point of view of total entropy generation rate.
Whereas, the circular geometry performs better from the point of
view of the dimensionless total entropy generation rate for smaller
perimeters, larger aspect ratios and lower Reynolds numbers. The
RPF gives the best results from the point of view of total entropy
generation rate for higher Reynolds numbers, smaller aspect ratios
and large perimeters. The elliptical geometry is the next most
favorable geometry from the point of view of total entropy gen-
eration rate for higher Reynolds numbers and with smaller axis
ratios. It offers higher heat transfer coefficients and lower drag
force as the axis ratio is decreased and the approach velocity is
increased.
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Nomenclature
A, = cross sectional area of the fin [m?]
A, = planform area for drag force [m?]
a,b = semi major and minor axes of the elliptical fin
[m]
B = duty parameter= p1°kT,/ Q?

Journal of Electronic Packaging

Cp = total drag coefficient
CPF = circular pin fin
specific heat of the fluid [J/kgK]
D = pin diameter [m]
EPF = elliptical pin fin
E(e) = complete elliptic integral of second kind
e = eccentricity in case of elliptical geometry
=\1-¢
Fp = drag force [N]
fin height [m]
k = thermal conductivity [W/mK]
keq = ratio of thermal conductivity of fluid to the fin
material = k/k

h = average heat transfer coefficient [W/m? K]
L = length of baseplate in flow direction [m]
[ = length of plate fin [m]

L = characteristic length of fin [m]
m = fin performance parameter [m~!]
m = mass flow rate [kg/s]
N, = total dimensionless total entropy generation
rate
Ny = fluid flow irreversibility
N, = heat transfer irreversibility
Nu, = Nusselt number based on the characteristic
length of the fin=hL/ks
P = perimeter of the fin [m]
Pr = Prandtl number
Q = total base heat flow rate [W]
RPF = rectangular plate fin
Re, = Reynolds number based on the characteristic
length of the fin=U,,,L/v
R, = total thermal resistance [K/W]
Sgen = total entropy generation rate [W/K]
square pin fin
side of a square fin [m]
T = temperature [K]
t = thickness [m]
approach velocity of the fluid [m/s]
width of baseplate [m]
w = width of plate fin [m]

Greek Symbols
€ = axis ratio of elliptical fin=b/a
€, = ratio of the plate sides=¢/L
v = aspect ratio=H/L
v = kinematic viscosity of fluid [m?/s]

p = fluid density [kg/m?]
Subscripts

a = ambient

b = baseplate

f = fluid

w = wall
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